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Autobalancers for rotor/bearing systems are passive devices consisting of eccentrically mounted balance masses
that freely revolve around the rotor’s axis of rotation. At certain supercritical speeds, the balancer mass positions
naturally adjust to cancel the rotor imbalance. This automatic-balancing phenomena occurs as a result of nonlinear
dynamic interaction between the balancer masses and the rotor’s lateral vibration. Previous studies have found that
autobalancers can effectively compensate for mass imbalance in planar rigid rotors such as hard-disk drives and
flywheels, however, their use in bladed-disk and turbomachinery applications has not been previously considered.
This study explores the dynamics and stability of a flexible bladed-disk/rotor-bearing system equipped with a dual-
ball automatic-balancing device. It is found that the autobalancer effectively compensates for both mass and
aerodynamic imbalances produced by a bladed-loss condition over a wide revolutions/minute range at speeds above
the first lateral natural frequency. It is also shown that for stable automatic balancing to occur, the ratio of automatic
balancer damping to the blade aerodynamic drag coefficient must be above some critical value. The analysis
demonstrates that the automatic balancer is able to simultaneously reduce both bearing loads and blade deflections

for a simulated blade-loss event.

Nomenclature
A = linearized system matrix
{a;} = blade-fixed coordinate frame, [a,;, a,;, a3;]
b; = blade chord, m
C, Cyisk» = damping matrices
CAB’ Caero
Cy = blade drag coefficient (nondimensional)
cy = Dball/track viscous damping, kg/s
cq = blade drag coefficient per unit length, kg/m?

Cy bearing-support damping, kg/s

¢, = shaft torsional damping, N-m-s

i, €2, €3, ¢4 = equilibrium polynomial coefficients

D = Rayleigh dissipation function, N-m

D, = ball diameter, m

E = blade elastic modulus, N/m?

€ce = hub eccentricity, m

F, Fpg, = generalized force vectors, N

Faerov Fimb

F, = bearing load, N

f AB max = maximum autobalancer force, N

{h} = hub-fixed coordinate frame, [h;, h,, h;]

I; = blade cross-sectional-area moment of inertia,
m*

i = blade index

Jy = hub polar mass moment of inertia, kg-m?

K, Kyjisk» = stiffness matrices

I(AB’ Kaero

kg = Dbearing-support stiffness, N/m

k, = shaft torsional stiffness, N-m

L; = blade length, m
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mass matrices

ball and hub mass, kg

blade mass per unit length

number of degrees of freedom, modes, blades,
and balls

autobalancer degree-of-freedom mapping
matrices

bladed-disk degree-of-freedom mapping
matrices

integer

inertially fixed coordinate frame, [n;, n,, ns]
material point on ith blade

generalized force vector

generalized coordinate vectors

steady-state response
autobalancer and hub radii, m
position vectors, m

time, s
kinetic energy, N-m

hub transfer function matrix elements

blade thickness, m

local blade displacement vector, m
strain energy, N-m

local blade velocity vector, m/s

hub lateral deflection in h, direction, m
virtual work, N-m

hub lateral deflection in h; direction, m
elastic blade deflection, m

blade-tip deflection, m

blade axial coordinate, m

merged equilibrium solution variable
autobalancer force ratio

blade modal coordinates, m

ball angles at steady state, rad
bladed-disk system eigenvalue, rad/s
autobalancer mass ratio

blade material viscous loss factor, s
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05 P> Pair = bladed-disk, ball, and air density, kg/m?
@, ¢;; = blade shape functions

¢ = bladed-disk hub rotation, rad

b, = autobalancer-ball angle, rad

v, = blade azimuthal location, rad

Q = bladed-disk rotation speed, rad/s

I. Introduction

LADE loss in high-speed turbomachinery systems usually

results in severe vibration due to synchronous mass and
aerodynamic imbalance forces. This paper explores the feasibil-
ity of using passive automatic-balancing devices to correct these
imbalances in real-time and to passively suppress the vibration.
Essentially, automatic-balancing devices (AB or autobalancers) are
passive devices consisting of several eccentric masses or balls free to
move within a guided circular track that is mounted on a rotor to be
balanced [1,2]. At certain rotor speeds, the balancer balls naturally
tend to synchronize with the rotor, with appropriate phasing to reduce
or cancel the inherent rotor imbalance. This automatic-balancing
phenomena occurs as a result of nonlinear dynamic interactions
between the balancer balls and lateral vibration of the rotor.

One early experimental study of automatic balancing was by
Thearle [1], who characterized the dynamics of a single-ball auto-
balancer under various rotor imbalance levels. Further, Bovik
and Hogfords [2] explored the spin-up and steady-state responses of
planar rotor-AB systems. It was shown via numerical integration of
the nonlinear equations of motion that complete balancing at
supercritical speeds could be achieved by a balancer containing a
minimum of two balance masses. Majewski [3] examined the effects
of ball rolling resistance and race eccentricity on arotor-AB system at
steady state. It was shown that coulomb frictional effects caused
balance-mass positioning errors resulting in residual vibrations.
Jinnouchi et al. [4] showed that a single mass autobalancer provided
excellent balancing when the rotor was operating at supercritical
speeds, but caused increased vibration at subcritical speeds. In an
experimental study, Lindell [3] explored the use of an automatic-
balancing device to reduce the unbalance vibration in a handheld
grinding machine. In this device, several balancing balls were guided
to move in an oil-filled circular track mounted in a plane
perpendicular to the rotor. Under certain conditions, the balancer
balls automatically settled into synchronous orbits that reduced the
imbalance vibration. Furthermore, both Rajalingham et al. [6,7] and
Chung and Ro [8] used a set of equations in the rotating frame to
characterize the stability of the balanced equilibrium configuration
for Jeffcott rotors with single- and dual-ball autobalancer devices. It
was concluded that increasing bearing-support damping and
autobalancer mass ratios tended to decrease the stability of the
balanced condition [8].

More recently, several researchers explored the transient response
and the global nonlinear behavior of rotor/autobalancer systems.
Green et al. [9,10] analyzed limit-cycle behavior for a single-plane
rotor fitted with a dual-ball autobalancer. Here, additional
nonbalanced subsynchronous limit cycles were found to coexist
with the desired synchronous balanced limit cycles. The balanced
equilibrium basins of attraction were characterized as a function of
ball initial positions. Once the rotor was spun up to its final operating
speed, it was shown that these nonbalanced subsynchronous limit
cycles could usually be avoided, and the balanced condition reached,
by releasing the autobalancer balls from diametrically opposed
detent positions [10].

In addition to single-plane rotors, automatic balancing of various
nonplanar rotor-AB systems (including out-of-plane tilting,
gyroscopic effects, and rotor flexibility) has been investigated [11—
16]. Specifically, Chung and Jang [11] and Rajalingham and Bhat
[12] explored automatic balancing of a disk-type rotor mounted on a
massless cantilevered shaft. A closed-form characteristic equation
describing the balanced equilibrium stability of the damped case was
obtained using Routh’s criteria approach [12]. Furthermore Chao
et al. [13,14] analytically and experimentally studied automatic
balancing of a vertically oriented optical disk drive spindle. It was

shown that through proper choice of autobalancer installation
position along the spindle axis, both lateral displacements and tilting-
angle vibrations could be simultaneously reduced. Kim et al. [15]
concluded that the stability behavior of the AB-spindle system could
be adequately predicted by considering a reduced-order model that
neglects out-of-plane tilting. For a given operating speed, it was
concluded that both the translational and in-plane torsional modes
had a significant role in determining the stability of the balanced
condition [15].

To understand the effect of rotor flexibility and higher vibration
modes on automatic-balancing behavior, DeSmidt [16] analyzed the
stability and vibration response of a slender flexible shaft equipped
with a dual-mass-autobalancer device. Here, multiple regions of
stable automatic balancing were found to exist for rotation speeds
between the shaft lateral vibration modes. The rpm width of these
balanced regions strongly depended on the axial offset distance
between the autobalancer and the imbalance plane. The axial offset
tended to either amplify or attenuate the available AB balancing force
as a function of rotation speed, thus potentially increasing the
maximum effective balancing capacity for a given autobalancer size
and weight [16]. Furthermore Ehyaei and Moghaddam [17] reported
asimilar “partial autobalancing phenomena” in a study conducted on
a flexible shaft with multiple autobalancers.

Sohn et al. [18] and Horvath et al. [19] recently explored a dual-
pendulum-autobalancer device. By introducing hinge offsets
between the rotor center and the pendulum pivot points, it was
shown that the pendulum autobalancer can achieve balancing at both
sub- and supercritical operating speeds [18]. Furthermore, the
pendulum-autobalancer design was shown to be less susceptible to
frictional effects than conventional ball-type designs [19]. However,
one potential drawback of the pendulum balancer design is that it
may not be as weight- and size-efficient as ball-type autobalancers.
Extensive experimental studies of single-plane rotor/autobalancer
systems have been performed by Lee and Moorham [20] and, more
recently, by Lu et al. [21].

Clearly, a key advantage offered by the automatic-balancing
approach is the ability to have passive, self-adjusting, rotor
imbalance-vibration correction. This investigation explores the
feasibility of using a passive automatic-balancing device to correct
imbalance in a bladed-disk system in the event of a blade-loss
scenario. Previous studies have focused on automatic-balancing
behavior of symmetric disk-type rotors subjected to pure mass
imbalance. However, in the case of bladed disks (such as turbines and
impellers), other important effects in addition to mass imbalance
(such as blade aerodynamic loading and blade in-plane vibration
modes) become significant. In general, bladed-disk in-plane
vibration modes play an increasingly import role for higher-speed
operation, and strong torsion/lateral-mode coupling can be induced
by an asymmetric blade-out condition. Since the blade aerodynamics
and torsion/lateral-mode coupling have not been previously
considered in the context of automatic balancing, this study aims
to advance the current state of automatic-balancing research by
analyzing these effects.

To explore these points, this investigation will study the dynamic
stability and vibration response of an imbalanced bladed-disk/rotor/
bearing system equipped with a dual-ball autobalancer device (see
Figs. 1 and 2).

Bladed-Disk
Imbalance

Bearik
d

Autobalancer

Fig. 1 Sketch of bladed-disk/rotor system with autobalancer device.
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Autobalancer
Fig. 2 Bladed-disk/autobalancer system.

This paper solves a coupled set of nonlinear equations in the
rotating frame to determine the fixed-point equilibrium conditions
and the corresponding steady-state vibration response. The dynamic
stability of the bladed-disk/autobalancer system is determined via
eigenanalysis of the linearized system about each fixed-point
equilibrium configuration. Using this analysis approach, the effects
of autobalancer-ball/track damping, blade aerodynamic drag
coefficient, and autobalancer mass ratio are each investigated over
arange of supercritical operating speeds. The transient response due
to a blade-loss scenario is investigated via numerical time-domain
integration of the full nonlinear system equations of motion.

II. Bladed-Disk/Autobalancer System Model

To facilitate analysis, the equations of motion for a bladed-disk/
autobalancer system are derived in a set of rotating coordinates
{h} = [hy, h,, h3], which follow the disk-hub rotation ¢(#) about the
n, axis of the fixed-frame {n} = [ny, n,, n3] (see Figs. 2 and 3). Here,
the model developed and analyzed in this investigation considers
only the in-plane dynamics of the flexible bladed-disk/autobalancer
system. The blades are modeled as rectangular cross-sectional Euler—
Bernoulli beams cantilevered to a rigid rotating disk hub. Figure 3
details the system geometric parameters, deflections, and coordinates
for the bladed-disk hub and ith blade.

The position vector locating the hub geometric center C in terms of
the lateral deflections v,,(¢) and w,(#) measured from the rotating
hub-fixed coordinate system {h} is

R oc = v, (Hhy + wy()h; (1)

Furthermore, the position vector of a point P; on the neutral axis of
the ith blade in terms of the hub radius R, blade in-plane elastic
deflection w;(x, ) and blade geometric foreshortening is

1 [~
R op, =Roc + |:Rh +x— z/ wi(x, 1) dx]aZi + w;(x;, Hag;
0
2

where prime indicates differentiation with respect to the blade axial
coordinate x, and {a;} is a hub-fixed coordinate system oriented to
the ith blade with transformation from {n} to {a;}, given as

|:a2i i| — |: COS(¢ + WI) Sin(¢' + 1//1) i| |:n2] (3)
ay —sin(¢ + ;) cos(@+ V) || n3

Blade C-S |

Fig. 3 Hub and blade coordinates (planar dynamics).

where V; is the ith blade azimuth angle. The shaft is assumed to be
driven with constant angular speed €2; hence, the total rotation of the
bladed-disk hub is ¢(r) = ¢(r) + Q, where ¢(7) is the shaft elastic
twist coordinate. The position vector R p; locating the ith balancer
ball within the autobalancer can be written

ROB, = ROC + RCB,v Wlth
Rep, = Ry (cos[@y, (D]hy + sin,, (D]hy)  for i=1.2 (4

where R, is the ball-track radius and ¢, () are the ith ball angular
positions measured from the h, axis. The total system kinetic energy
T in terms of the bladed-disk and autobalancer kinetic energies Ty,
and Tp is

T =Ty + Tan (52)
with
- . 1 ., Li . .
Tyisk = EmhRoc ‘Roe + 51;,(;5 + ;Em‘A Rop, - Rop, dx;
(5b)
2 my, - .
Tpp = 27 (ROB,- : ROB,-) (5¢)

i=1

where a dot indicates differentiation with respect to time ¢, m;, and J,,
are hub mass and polar inertia, L; and m; are blade length and mass
per unit length of the ith blade, N, is the number of blades, and m,, is
the mass of each autobalancer ball. Furthermore, the total system
strain energy is

Ny,

1 1~ 1 Lo
V:Eks(v,z,+w§)+§k,¢ +;§EliA w!(x, )2 dx;  (6)

where k, and k, are the effective lateral bearing support and shaft
torsional stiffness values, E is the blade elastic modulus, and /; is the
ith blade area moment of inertia. The system Rayleigh dissipation
function is

[ 1 2
D :ECS(U%, + wﬁ) +5C,¢
N 1 L . 2.1 .
+ ZigEIfA w’; (x;, 1)* dx; + chbRi¢bi Q)
= i=1

where ¢, and ¢, are the bearing lateral support and shaft torsional
damping coefficients, £ is blade material viscous loss factor, and ¢, is
balancer-ball viscous damping coefficient arising from relative ball/
track motion within the autobalancer. The virtual work §W due to
blade aerodynamic drag, based on a steady aerodynamic model [22]
is expressed as

Ny pp
W =—c,y E / (Votade,i)*Stppage; dx (8a)
i=1 Y0

where c, is the blade aerodynamic drag coefficient per unit length
that is calculated from the nondimensional drag coefficient C,
together with air density p,;, and blade chord b; as ¢; = %Cd,oairb,-.
Furthermore, vy, ; is the local velocity component of the ith blade in
the a3; direction (normal to the blade surface) at station x,

Vplade,i (X, 1) = Rop,» -ag = (Quy, + wy,) cos Y,
+ (Quy, — 9 siny; + (R, + x)(d + Q) + (8b)

and Suyjaqe; is the corresponding variation of the local blade
displacement in the normal direction:
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5Mblaale,i = 5[(R0P, - ROP, |v,,:0,111,‘:0.43:0,10,-:0) - ag]

= §w;, cos Y; — v, siny; + (R, + x)BqAS + Sw; (8¢c)

Next, to obtain the equations of motion, the blade elastic
deformations w;(x,#) are approximated in an assumed modal
expansion. The modal expansion of the ith blade is

N
wi(x. 1) = () (0) ©)
Jj=1

where N,, =3 is number of elastic blade modes, ¢;;(x) are the
eigenfunctions of a cantilevered Euler—Bernoulli beam [23], and
1;;(¢) is the corresponding modal coordinate of the ith blade. The
discretized system equations of motion are then obtained via
Lagrange’s equations as

d[oT] dT dV oD
=] -t —+—= 10a
dr [M] ag tag T o0 (o
with the N x 1 generalized coordinate vector, where N =3 +
N,,N;, + 2 is the total number of degrees of freedom of the bladed-
disk/dual-ball autobalancer system:

q(l) = [q}l;ub (t) quhaft(t) qgladc (t) qtzy-a]](t) ]T (IOb)
which is composed of

G = (A WO, Gepan(D) = $(1) (10¢)

Goraae (D =07 03 771Tv,, I (10d)
Goan (1) =[&5, (D) &5, (1) I (10e)
where 5; = [n; ""h,zvm]T is the NV,, x 1 modal coordinate vector for

the ith blade, and where the generalized force vector Q satisfies
SW = Q"8q a1

The resulting nonlinear equations of motion (12) for the bladed-disk/
autobalancer in-plane dynamics are

M(vh’ Wy, ¢b| s ¢bz)éj + C(vh’ Wy, ¢b| ) ¢bzv ¢.$b| s ébz)q'
+ K@, 0,09 = F (B, 61, 61, - $1,) (12a)

where the overall system inertia, damping, and stiffness matrices M,
C, and K and force vector F are composed of the bladed-disk (blisk)
and autobalancer (AB) subsystems as

M = NijaMuisNoiisk + NagMag (V. w. @5, . 65, ) Nag
C = Ny Corisk + Cero]Noisk
+ N2sCap (v Wy, G, Dy @1 , (i’bz)NAB
K = N{ji[Koiige + Kiaero)Notisk + NAgKag (9,5 #5,)Nas
F = Nl [Fimb + Fuero] + NAgFag (@5, . #5, . ¢b, ; dsbz) (12b)

with corresponding degree-of-freedom mapping matrices Nyjigc,
Nags Niuwvs Nipasts Nojader and Ny defined as

Nhub N hub
N blisk = Nshaft ’ NAB = Nshaﬂ (120)
N blade N ball

where

b =Nhuvd>  Gshatt = Nshatt9>  Iblade = Notaded>  Gvan = Noanq

Here, the blisk and AB subsystem matrices and generalized forces in
Eq. (12b) are given in the Appendix. Based on the equations of

motion (12) and the Appendix, one can see that the autobalancer-ball
angles, hub deflections, shaft twisting, and blade motions are
inertially coupled, and nonlinear terms arise due to the balancer-ball
angles ¢, (1).

Since the purpose of this study is to investigate automatic
balancing of bladed disks with missing (or partially missing) blades,
no assumptions regarding blade symmetry have been made in the
model. Thus, system (12) is valid for any general set of blade lengths
L;, mass per unit lengths m;, and azimuthal arrangements V; for
an arbitrary number of blades N,,. The effect of this general blade
asymmetry is reflected in the generalized mass-imbalance force
vector F,, in Eq. (12) and detailed in Eq. (A4). Additionally, the
blade aerodynamic drag [Eq. (8)] gives rise to the generalized drag
force vector F,,, as well as to the aerodynamic damping and stiffness
matrices C,., and K, [see Eqs. (A8-Al1l)]. The autobalancer
produces nonlinear terms involving Mg, C g, and K, as well as
the generalized autobalancer force vector F,p [see Eqgs. (12) and
(AI2-AL5)].

Using Egs. (A4-A8), the net lateral forces F,;, and F ., acting on
the hub due to blade mass and aerodynamic asymmetries are

N,

L,
Fip = Q2 Z m;L; (?’ + R,,)[cos Y;h, +siny;h;]  (13a)
i=1

Q2 Np
Firy = 5= [(L; + R,)* = RJlsin Yh; — cos yihy]  (13b)
i=1

These forces have a 90° relative phasing but also have constant
magnitude and direction relative to the hub-fixed frame {h}. Hence,
both are synchronous with the bladed-disk rotation (see Fig. 4). It
should also be noted that || Fi, || = 0 and || F ey, || = O for symmetric
blade arrangements. Based on this, the total synchronous imbalance
force acting on the hub is

Fhub = Faero + Fimb (14)

Furthermore, based on F,gp [see Eq. (A15)], the net autobalancer
force F,p acting on the hub is

2
Fap =myR, Z[(Qz + Gy1) cos by + (22 + 6y, sin ¢y, hs)

i=1

15)

Since the autobalancer balls are free to revolve around to the rotor
[i.e., ¢, () is not constant] F g is generally not synchronous with the
shaft. However, for certain conditions, the autobalancer balls (and
hence F,g) do synchronize at steady state. Furthermore, as will be
explained in Sec. III, at certain speeds the natural steady-state
positions of the balancer balls relative to the rotor are such that they
tend to cancel the synchronous hub imbalance force F\,, which s, of
course, the desired autobalancing effect.

III. Bladed-Disk/Autobalancer Steady-State
Response and Stability Analysis

The governing equations of motion of the bladed-disk/
autobalancer system in Eq. (12) are strongly nonlinear in the
balancer-ball coordinates ¢, (). Thus, the system cannot be im-
mediately linearized about the trivial equilibrium for analysis.
Furthermore, the possibility of multiple fixed-point and limit-cycle
equilibria may exist [7,9]. Since previous autobalancer studies have
shown that nonsynchronous limit-cycle behavior can typically be
avoided by proper choice of initial release positions of the balancer
masses [9,10], this study will only focus on characterizing the
synchronous steady-state behavior (i.e., the fixed-point equilibria in
the rotating frame).

A. Equilibrium Equations

Since the equations have been formulated in the rotating frame
and both the mass and aerodynamic imbalance excitations are
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synchronous, the possibility of fixed-point equilibria with constant
steady-state response g, exists:
lim (1) =0,  ¢()=0 and ¢(1)=gq,  (16)
—00
This implies that the relative autobalancer-ball/track motions have
decayed to zero; that is,

lim ¢ (=0, ¢, (=0 and ¢,()=06, fori=12

an

and thus, at steady state, the balancer balls are rotating synchronously
with the bladed-disk hub. By considering Eq. (16) together with
Eq. (12) and the Appendix, the overall system at steady state,
K,.q,, = F,,, can be written

Kyu 0 Ky 0 Ghub

Ksu Ks.s 0 0 Gshaft

Kpu 0 Kgp 0 olade | lss
Kball.H(0171 s ebz) 0 0 0 Gvall

Fiup + ﬁ‘hub (0, 05,)
— I_?shafl ( 1 8)
Fotade

0

where the stiffness matrix and generalized force K and F from
Eq. (12) have been partitioned corresponding to the hub, shaft, blade,
and ball degrees of freedom, and the terms F and F indicate steady-
state generalized forces due to the imbalance and aerodynamic loads
and the autobalancer, respectively. Based on the structure of Eq. (18)
and the Appendix, the steady-state equilibrium equations for the
bladed-disk/autobalancer system become

Kyn 0 Ky 5 hub

Ksy Kgs 0 4 shaft
Kp 0 K35 vlade
Fhub ii‘huh(eln ’ 9[72)
= | Foun |+ 0 (19a)
I_?blade 0
tan 6, = Yn and tanf), =n (19b)
h lss h lss

Equation (19b) implies that the autobalancer balls are in equilibrium
when either

sz = le + nm (203)
for integer n or
v,=0 and w,=0 (20b)

is satisfied. This leads to three types of equilibrium conditions similar
to those observed in previous rigid-rotor/autobalancer studies [5—-8].
Specifically, for even n, Eq. (20a) leads to the so-called merged
equilibrium condition, in which both balancer balls are together. For
odd n, Eq. (20a) leads to a diametrically opposed equilibrium
configuration, and Eq. (20b) implies a balanced equilibrium state in
which the autobalancer balancing force exactly cancels the rotor
imbalance resulting in zero net hub lateral deflections, i.e., gy, = 0.
Clearly, the balanced condition is the most desired, since it works to
cancel the rotor vibration and bearing loads; however, all three
possible cases [Eq. (20)] must be considered. Thus, the steady-state
response of the bladed-disk/autobalancer system is obtained by

solving Eq. (19a) together with the balanced, merged, and opposed
equilibrium conditions. The solution procedure for each of these
three cases is explained in Secs. [IL.B-IIL.D.

B. Balanced Equilibrium Solution

To proceed with the solution for the balanced case [Eq. (20b)], the
zero-hub-deflection condition ¢y, =0 is explicitly enforced in
Eq. (19a), immediately resulting in

KH,BCIblade = Fhub + Fhub(eb, s 9[72)
KS.S‘Ishaft = Fshaft

K3 5Gblade = Fblade 20

which shows that in the steady-state balanced condition, the shaft
twist and blade deflections g, and gpaq. (Which are the result of
steady aerodynamic blade loading) are decoupled and independent
of the autobalancer-ball positions 6, and 6,,. Hence, the balanced
bladed-disk response can be directly computed as

_ -1 _ —1
Gshaic = Kss™ Fpatis Gotade = Kp s~ Folage

(22a)

Gnw =0,

and the corresponding ball angles 0, and 6, are obtained via the
solution of

0 =F,, — KH,BKB‘BilFblade + Fhub(eb, ,0p,) (22b)

where the elements of F,,, are the components of the hub imbalance
force vector F,;, [Eq. (14)],

N,
_ L. cos ¥
Fip, = @ E (miLi(?l + Rh)|: v }

= sin y;
Cyq 3 N sin ¥
+ 3L+ R — Rl (23a)

—cos Y,

and the elements of Fhub(ehl ,0,,) are components of the
autobalancer force F g [Eq. (15)] at steady state:

(23b)

i‘hub(le ,6y,) = mbRbQZ[COS 6y, + cos 0, ]

sin 6, + sin 0,

The second term arising in Eq. (22b) represents the change in the
synchronous imbalance force as a result of the shift in operation from
the nominal imbalanced state to the balanced condition (v, = 0 and
w;, = 0). Physically, this is a consequence of the following two facts:

1) The bladed-disk center of gravity (c.g.) is a function of the blade
deflections.

2) The blade aerodynamic loads (and thus blade deflections) are a
function of the lateral hub deflections [see Eq. (8)].

This cross-coupling is represented by the subsystem matrices
K} 5 and Kj 5 in Eq. (18). Therefore, since the bladed-disk c.g. is
ultimately a function of the hub deflection, when the hub deflection is
suppressed to zero, g, = 0, there is a corresponding in a shift in the
c.g. location. This c.g. shift alters the effective imbalance load by the
amount corresponding to the second term in Eq. (22b). Thus, from
Eq. (22b), the total effective synchronous imbalance force F,y, in
the balanced condition is

Fsync = Fhub - KFLBKB{BilFbIade (24a)

which can be expressed in terms of the system parameters and the
terms in the Appendix as
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Ny,
Z L; cos ¥;
— 2 NN il i
Fsync =Q - (mlLl(2 + Rh) |: sin wi ]

S+ ry - R R ]

—Ccos Y,

N, .
+ ¢4 Y mDELB; + mQ(C; — A)]'G] [ _Sl‘;;”w}

(24b)

i=1

Here, it should be noted that F,,. has terms proportional to both Q?
and Q*. The equation governing the autobalancer-ball equilibrium
configuration for the balanced case [Eq. (22b)] becomes

o[ cosb, +cosb, | |0
Fsync + mbRbQ |: sin gbi + sin 6’1,22 = 0 (25)

which has the solution

0, = LF. + cos™! _ el and
! syne ZmbRbQZ
IF synel
0,, = LFgpe —cos™ | ——— 2 26
by sync cos ( Zm,,RhQZ ( )

Thus, Eq. (26) gives the angular positions of the two autobalancer
balls when the blade-disk/autobalancer system is operating in the
perfectly balanced condition (v, = 0 and w;,, = 0). Based on Eq. (26)
it also apparent that perfect balancing is only possible when
[ Fgynell < 2m,R,Q?, where the quantity fapmex = 21, R, Q7 is the
maximum possible balancing force of the dual-ball autobalancer.
Based on this, the AB force ratio parameter is defined:

”Fsync ” .fsync(gzzv 94)
= = 27
4 thRhQZ ( )

fAB max

C. Merged Equilibrium Solution

In the merged equilibrium configuration, both balancer balls reach
the same angular position, 6, = 0, = 0,, [see Eq. (20b)]. In this
case, the steady-state autobalancer force in Eq. (19a) becomes

A 0
Frw(0,) = 2mbRb92 |: z?; 9: ] (28)

Using Eq. (28) together with Eq. (19), the lateral hub response in the
steady-state merged configuration can be computed as

Un | _ | Uno 2| Toy Ty || cosb,
|:wh ] = |:wh0:| + 2m, R, 2 [va T, ] |: sin 6, (29a)
where the nominal steady-state hub displacements v, and w,,, are

KS,S 0 Fshaft (29b)

v Lo |"[Kpy 0 Kyg|™ Fhub
|: ho i| — 0 KS,H
0 Kpy 0 Kgp Fijade

Who

and where the transfer matrix from the lateral hub force to the hub
displacement is

T T Lo |"[ Kuu 0 Kyg |7 Ik
[ TLU TU“’ ] — 0 KS’H KSS 0 0
woo Sww 0 Kz 0 Kj;; 0

(29¢)

Using Eq. (29a) together with Eq. (19b), the ball angles 6, in the
merged equilibrium must satisfy

Whpo + (va Ccos 91) + Tww sin 017)
vy + (T, cos 6, + T, sin6,)

tan 9}, = with 9;, = 9h| = 9},2

(30)

Note that in previous rotor/autobalancer studies [6-8,11] (i.e., rotors
without blades), the hub transfer matrix elements 7', T, Ty, and
T, could be explicitly computed in terms of system parameters, and
it was found that 7, =T, and T,,, = —T,,, which significantly
simplifies the solution. However, in the bladed-disk case considered
here, with general asymmetric blade arrangements, the hub transfer
matrix has no guaranteed symmetry. Therefore, the general solution
of Eq. (30) is required. Here, the solution is obtained by first making
the following substitution into Eq. (30) in the new variable z, as
cosf, =z, sinf,=+/1—z% and tanB, =z/~/1—z>. After
solving for the factor ~/1 —z*> and squaring both sides, the
following fourth-order polynomial in z is obtained,

et e+t ezt =0 (3la)
with coefficients

co =3y — 2m,R,Q*T2,

ey = 4m, Ry QL[(Ty, — Top)Vio + TonwWiol

¢y = Am Ry QT — Typ)* + 2T (T + Tu)] = (Vg + wio)
3 = dmy Ry Q2T — Tyu)Vio — (T + To) Wio

ey = —4mp Ry QT — Topw)* + (T + Ti)’] (31b)

After numerically solving for the roots z; (i =1, ...,4) of Eq. (31)
and retaining only those roots satisfying both Im[z;] = Oand |z;] < 1,
the merged ball-angle solution 8, is obtained as 6, = cos™'z;.

D. Opposed Equilibrium Solution

In the opposed equilibrium configuration, the balancer balls
become diametrically opposed, i.e., §,, = 8, + 7 [see Eq. (20b)]. In
this case, the steady-state autobalancer force in Eq. (19a) becomes
zero and the only net effect of the autobalancer on the bladed-disk
system is the added mass 2m, of the two balancer balls [which is
accounted for in the matrix Kj; 5 (see Eq. (18) and the Appendix)].
Thus, conditions (19b) and (20b) are satisfied if and only if

6,, = tan™! [M] and 6, =tan™! [%] +7 (32
Uno Uno

where v, and wy, are computed from Eq. (29b). This implies that the

balls line up on both ends of the bladed-disk lateral response axis

where the bladed-disk response phase angle (relative to the hub-fixed

frame {h}) is

¢p = tan™! [ﬂ] 33)

Uno

E. Local Stability Analysis

To assess the physical significance of the balanced, merged, and
opposed cases described in Secs. III.LB-IIL.D, the local asymptotic
stability behavior of the bladed-disk/autobalancer system is in-
vestigated in the vicinity of each steady-state equilibrium con-
figuration via a perturbation and linearization approach. After
considering small perturbations ¢(¢) about a particular equilibrium
configuration ¢, the perturbed system response is

q(1) = g, + 4(1) (34)
Substituting Eq. (34) into the full nonlinear dynamic system (12a)

and dropping higher-order terms results in a set of linearized
equations of motion about each configuration g,,, denoted as

M(q,,)4(1) + C(q:)q(1) + K(g,,)d(t) = 0 (35)

Upon defining the state vector x(f) =[g" é}T]T, Eq. (34) is
transformed into first order form
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x = A(q,)x  with
0 1

A(gss) =[ . N .- . } (36)
-M l(qSS)K(qS_S) -M I(qss)C(Qm)

The local stability is then determined by assessing the eigenvalues, A,

of the system

[IA; — A(gy,)]x; =0 fori=1,2,....2N (37)

where the steady-state equilibrium configuration g, is considered
stable if Re[A;] < O0fori=1,2,...,2N.

IV. Bladed-Disk/Autobalancer Steady-State Response
and Stability Results

Using the bladed-disk/autobalancer model derived in Sec. II and
the analysis methodology developed in Sec. III, this section explores
the stability and steady-state vibration response of a particular eight
bladed-disk/dual-ball autobalancer system. Specifically, the effects
of blade aerodynamic drag c,, relative AB ball/track damping c,,, and
AB balancer-ball mass m, are each assessed over a wide rpm
operating range for a blade-out condition. The bladed-disk and
autobalancer parameters used in this investigation are summarized in
Tables 1 and 2. Furthermore, the assumed single blade-out condition
is depicted in Fig. 5, in which the blade-length loss parameter
(0 < ¢, =< 1) is defined as the fraction of blade-length lost from a
particular blade.

The dual-ball autobalancer used in this study is sized for an
assumed worst case scenario of losing one complete blade (i.e.,
&, = 1). To ensure zero residual imbalance, the worst case imbalance
load should be less than the maximum possible autobalancer
balancing force fpmax = 21, R,$22. using Eq. (14) to estimate the
maximum imbalance load, the dual-ball autobalancer sizing criteria
becomes

m? c
2myRy, > \/T [(Li + Ry — Rj + gd[(Li + Ry’ = R}
(38a)

with blade mass per unit length m; = pb;t; and where the
autobalancer-ball diameter is determined from

Db _ [%]1/3
PpTT

(38b)

By considering the case in which the autobalancer and the bladed-
disk hub have the same radius (i.e., R, = R,) along with the
parameters from Tables 1 and 2, the sizing criteria (38) yield the

Table 2 Autobalancer parameters

Parameter Value Units
Number of AB balls Ny,; 2 —
AB ball-track radius R, 25 mm
AB ball diameter D,, 13 mm
AB ball density o, 7870 kg/m?
AB ball mass m,, 0.00905 kg
AB ball-track damping ¢, Various? kgls

“Various values used in the analysis

minimum balancer-ball diameter (rounded up to the nearest integer)
of D, =13 mm.

Figure 6 shows the natural frequency maps of the bladed-disk
system versus shaft rotation speed, 2, for the undamaged case
(Fig. 6a) and for the missing-blade case (Fig. 6b). Here, the modes
primarily associated with blade deflections increase with € due to
centripetal stiffening. Furthermore, the natural frequency associated
with hub lateral motion due to bearing deflection (70.1 Hz at
2 =0 rpm) is split into the so-called forward and backward modes
[24], which is a consequence of the fact that the equations of motion
have been formulated in the rotating frame. Physically, the lateral
natural frequencies are essentially constant when measured in the
fixed-frame, however, relative to the rotating frame, the lateral
oscillation frequency of the bladed-disk hub is shifted by the amount
£$2. One can refer to Bucher and Ewins [24] for further discussion
on this topic. Comparing Figs. 6a and 6b shows that the missing
blade results in a slight shift in some modal frequencies, but more
significantly, the blade pattern asymmetry causes the system to
become dynamically unstable over two operating-speed ranges.

To investigate automatic-balancing behavior of bladed disks, the
steady-state response with and without the autobalancer is detailed
in Figs. 7-12. Specifically, Figs. 7 and 8 show the magnitude of the
steady-state bearing load

IFull = kyyfvj, + wj, 39)

and the blade elastic tip deflections wy;, = w;(L;) versus rotor speed
for the missing-blade case, with and without the autobalancer. In the
case without autobalancing, Fig. 7a shows that the bearing load peaks
at about ||F,|| &~ 1550 N near the first lateral-mode crossing speed
(€2 =~ 4530 rpm) and then attenuates to a relatively constant value of
about || F}, || &~ 90 N at supercritical speeds. In addition to exciting the
bearing load, the aecrodynamic and mass imbalances induced by the
missing blade result in an asymmetric blade response pattern as
illustrated by the steady-state blade-tip deflections in Fig. 7b. Here,
near the first lateral-mode crossing speed, (2 &~ 4530 rpm), both
blade leading (wy;;, > 0) and lagging (wy;, < 0) occur. Furthermore, at

Table 1 Bladed-disk parameters

Parameter Value Units
Hub radius R, 25.0 mm
Hub mass m;, 0.704 kg
Hub polar inertia J, 2.991 x 1073 kg-m?
Number of blades N,, 8

Blade azimuth angles nr/4 (n=0to38) rad
Blade length L; 80.0 (nominal) mm
Blade length loss fraction ¢, Various* —_—
Blade width b; 20 mm
Blade thickness ¢; 1.5 mm
Blade density p 2800 kg/m?
Blade elastic modulus E 75 GPa
Blade-loss factor & 1.0 x 1073 s
Blade drag coefficient ¢, Various? kg/m?
Bearing support stiffness k, 2.416 x 10* N/m
Bearing support damping c; 2.133 kg/s
Shaft torsional stiffness k, 1035.6 N-m
Shaft torsional damping ¢, 0.0205 N-m-s

“Various values used in the analysis.
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Fig. 4 Synchronous hub forces induced by blade aerodynamic and
mass asymmetries.

Fig. 5 Blade-out condition; blade-length loss parameter &,.

supercritical speeds, all blade deflections become lagging as result of
aerodynamic drag. The amount of lag for a particular blade is a
function of its azimuthal location, v;, relative to the missing blade.
The two shaded regions (regions I) in Fig. 7 highlight the unstable
operating-speed zones of the bladed disk (also see Fig. 6).

‘When the bladed disk is fitted with an automatic-balancing device,
Fig. 8a shows that the autobalancer achieves perfect balancing (i.e.,
v, =0, w,=0, and ||F,| =0) at operating speeds sufficiently
above the first lateral-mode crossing. However, at subcritical speeds,
the autobalancer increases the bearing load (and lateral response)
(see Fig. 10a for a comparison). Additionally, the steady-state blade-
tip deflections of the bladed-disk/autobalancer system are shown in
Fig. 8b. At speeds at which autobalancing is achieved, the blades all
have an identical lag deflection response. Furthermore, comparing
the blade responses in Fig. 7b with Fig. 8b shows that the auto-
balancer has the effect of reducing the maximum blade deflection.
This is also seen in Fig. 10b which plots the maximum blade-tip
deflection for the case with and without the autobalancer. The result
also shows that the autobalancer introduces a new instability zone
(shaded regions II in Figs. 8-10) starting just above the first lateral-
mode crossing speed. Note, the instability zones inherent to the
original bladed-disk (regions I) remain essentially unchanged by the
presences of the autobalancer.

1.5 2 25 3 35 4
Rotation Speed Q, (RPM)

a)

x 104
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by Rotation Speed Q, (RPM) x10t

Fig. 7 Bladed-disk response without autobalancer vs rotation speed for
one missing blade, c; = 0.05 kg/m?: a) hub bearing load and b) blade-
tip deflections.

4
x10¢

Rotation Speed Q, (RPM)

b)
Fig. 8 Bladed-disk response with autobalancer vs rotation speed for
one missing blade, ¢, = 0.05 kg/m?,c, = 0.02 kg/s,and D, = 13 mm:
a) hub bearing load and b) blade-tip deflections.

More insight into the response is gained by examining the
autobalancer balancer-ball positions at steady state, which are
displayed in Fig. 9. At subcritical rpm, the two balancer balls become
in phase with each other and together they synchronize with the
bladed disk’s rotation. This corresponds to the merged ball
equilibrium configuration discussed in Secs. IILLA and III.C. At
subcritical rpm, the balancer balls become in phase with the net
bladed-disk imbalance, resulting in increased lateral vibration and
bearing load (see Fig. 8a). As Q2 approaches the first lateral-mode
crossing speed (2 ~ 4530 rpm), the steady-state ball positions
become out of phase with the bladed-disk imbalance. For a range of
2 just above the first lateral-mode crossing, the system becomes

800
_—/

600}
Unstable
500
Im
[/11] 400
Hz
300
200
100
0
Rotation Speed Q, (RPM)
b)

Fig. 6 Bladed-disk natural frequencies vs rotation speed, ¢; = 0.05 kg/m: a) undamaged case and b) one missing blade.
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Fig. 9 Steady-state autobalancer-ball positions vs rotation speed for
one missing blade, c; = 0.05 kg/m?2, ¢, = 0.02 kg/s,and D, = 13 mm.
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Fig. 10 Bladed-disk response comparison; one missing blade,
¢; =0.05 kg/m?, ¢, =0.02 kg/s, and D, = 13 mm: a) hub bearing
load and b) maximum blade elastic deflection.

unstable (i.e., region II). In the context of the linearized analysis
method presented in Sec. I1I, the unstable region II corresponds to an
rpm range in which no stable fixed-point balancer-ball equilibria are
found to exist. In other words, for 2 operating in region II, the
balancer balls do not tend to synchronize with the bladed disk at
steady state [i.e., z;'Sbi (r) # Oast — oo], butrather, they keep moving
relative to the rotor (nonsynchronous behavior) in some type of limit
cycle. The balancer-ball behavior in regions I and II cannot be
predicted from linearized analysis. Therefore, this nonsynchronous
behavior in these regions will be further explored via numerical time-
domain simulation of the full nonlinear equations in Sec. V. At
supercritical speeds outside regions I and II, stable automatic
balancing occurs. Here, the two balancer balls settle into different
positions, with one ball greater than 180° relative to the imbalance
and the other less than 180° relative to the imbalance, such that the net
autobalancer force exactly cancels the bladed-disk aerodynamic and
mass imbalance (see Figs. 8 and 9). The angular separation between
balancer balls is a measure of the remaining autobalancing authority.
Obviously, for the limiting case of diametrically opposed balancer
balls (i.e., |6,, — 0, | =), the autobalancing force is zero.
Furthermore, the maximum force that the autobalancer can provide is
Fapmax = 21, R, 22, which occurs when both balancer balls are in
phase (i.e., |6y, — 6,,| = 0).

In the case of bladed disks, the imbalance that must be
counteracted by the autobalancer is due to both mass and
aerodynamic asymmetries resulting from the missing blade(s). The
results shown thus far are for a single level of blade aerodynamic
drag, ¢, = 0.05 kg/m?. Figures 11 and 12 illustrate the effect of
different drag coefficient values c, on the bladed-disk/autobalancer
response.

Figure 11 shows the balancer-ball equilibrium angles versus c, at
three different operating speeds. As the drag level ¢, increases, the

b Rotation Speed
otation Speed:
eg.
Deg) g5t -2~ Q=10,000 RPM |
¥ Q=20,000 RPM
80 -0~ Q=40,000 RPM |

650 0.02

0.04 0.06 0.08 0.1
Blade Drag Coefficient c,, (kg/m?)

Fig. 11 Autobalancer-ball equilibrium angles for balanced operation
vs blade drag coefficient at three rotation speeds with one missing blade,
¢, =0.02 kg/s,and D, = 13 mm.

— Without AB
25 | |- with AB

20

Hwb”max 15
(mm) 10

0.025 A
¢ (kg/m?) 00 Q, (RPM)
Fig. 12 Maximum blade elastic deflection vs rotation speed for various
values of blade drag coefficient with one missing blade, ¢, = 0.02 kg/s,
and D, = 13 mm.

balancer-ball angular separation is reduced, indicating that more
balancing force is required by the autobalancer to counteract the
aerodynamic portion of the imbalance. Furthermore, more subtly,
Fig. 11 also shows that for a given level of drag ¢, > 0, the amount of
angular separation |6,, — 6|, and hence the remaining autobalanc-
ing authority diminishes for larger values of €2. Therefore, in the
absence of aerodynamic effects (pure mass-imbalance case), the AB
has the same effective balancing capacity for all operating speeds.
However, when an aerodynamic imbalance exists, the effective
balancing capacity of the AB decreases with increasing rpm. This
means that an autobalancer that is sized to completely cancel
imbalance at a lower speed may saturate at higher speeds. This does
not occur for a pure mass imbalance, since both imbalance and
autobalancing forces are proportional to 22, and hence the operating-
speed effects cancel [2-8]. However, when aerodynamic imbalance
is present in a bladed disk, the synchronous imbalance force Fiy,
[Eq. (24)] has terms proportional to both 22 and Q*. Thus, at higher
speeds, the imbalance tends to become larger relative to the
maximum balancing capacity of a given autobalancer design. This is
an important new result that did not arise in previous autobalancing
investigations.

Furthermore, Fig. 12 shows the maximum steady-state blade
deflection response versus speed for several values of the blade drag
coefficient with and without an autobalancer for the missing-blade
case. This result shows that the automatic balancer is beneficial over
the range of drag levels, since it reduces the maximum blade-tip
deflections compared with the no-autobalancer case.

One important autobalancer design parameter is the ball/track
viscous damping c¢,,, which tends to damp out ball motions relative to
the rotor. In other words, ¢, resists nonsynchronous ball motions [see
Eq. (7)] and is typically accomplished via some form of oil within the
AB track [2]:
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cf = min [e)] (40)

(balanced)

The contour plots in Figs. 13—15 explore the minimum ball/track
viscous damping c; [Eq. (40)], required for stable automatic
balancing. In these figures, the shaded areas correspond to regions in
which stable automatic balancing of the bladed disk occurs (i.e.,
when v, — 0 and w;, — 0 as t — 00), and the areas with diagonal
lines indicate regions in which automatic balancing is not possible,
regardless of the AB ball/track damping amount c,,.

In particular, Fig. 13 shows ¢}, versus operating speed €2 and blade
drag coefficient c,. Here, it is shown that autobalancing of the bladed
disk is only possible for 2 above the first lateral-mode crossing
speed, regardless of blade drag level. Furthermore, for supercritical
rpm, with the exception of the two unstable operating-speed ranges b
and c in Fig. 13, the AB ball damping required for stable automatic
balancing tends to increase with blade drag level ¢, and tends to
decrease with operating speed €2. In this regard, since increasing
blade drag increases the required AB ball damping, blade drag
essentially has a destabilizing effect on the automatic-balancing
phenomena. However, at the same time, blade drag also has
stabilizing effects on the bladed disk over certain narrow speed
ranges. Specifically, the unstable rpm range in Fig. 13 region b
vanishes for sufficiently large (¢, > 0.65) blade drag coefficient
values.

Next, Fig. 14 illustrates the effects of balancer-ball mass on
bladed-disk autobalancing behavior. Specifically, Fig. 14 shows cj;
versus the operating speed €2 and the AB ball mass ratio 1,:

my,

L R @1)
my, + Y miL;

b

The dashed line indicating a ball diameter of D;,, = 13 mmin Fig. 14
is the design point determined from the autobalancer sizing
equation (38), which is used in all other computational results in this
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Fig. 13 Minimum AB ball damping required for stable automatic
balancing vs rotation speed and blade drag coefficient for one missing
blade, D, = 13 mm.
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Fig. 14 Minimum AB ball damping required for stable automatic
balancing vs rotation speed and AB ball mass ratio for one missing blade,
¢; =0.05 kg/m?.
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Fig. 15 Minimum AB ball damping required for stable automatic
balancing vs rotation speed and bearing stiffness for one missing blade,
¢, =0.05 kg/m?2, and D, = 13 mm.

paper. The design level D, = 13 mm (i, = 0.086) corresponds to
the minimum ball diameter (rounded up to the nearest integer), which
can completely balance one missing blade (g, = 1). Thus, values of
Dy, > 13 mm (u;, > 0.086) offer excess balancing capacity and thus
correspond to excess weight. Furthermore, it is found that increasing
14, tends to reduce the stability of automatic balancing for € just
above the first lateral-mode crossing speed. For example, Fig. 14
shows that for p, = 0.1 automatic balancing can be achieved for
speeds as low as €2~ 7000 rpm; however, if the mass ratio is
increased to u;, = 0.14, then automatic balancing cannot be achieved
until at least Q2 ~ 10,000 rpm.

Figure 14 also shows that the level ¢ required for automatic
balancing reaches a maximum value for intermediate values of (i,.
Hence, the best autobalancer design from both weight and stability
points of view is one that keeps jt;, as low as possible based on sizing
equation (38).

Figure 15 explores the effect of the bearing-support stiffness &, on
bladed-disk autobalancing behavior. As k; is increased, so do the
bladed-disk lateral natural frequencies. As aresult, Fig. 15 shows that
the minimum operating speed at which autobalancing occurs
increases with k. Furthermore, it is also observed that the minimum
balancer-ball damping c¢,, required for stable autobalancing is larger,
because of the higher values of support stiffness k. This is partly due
to the increased level of lateral bearing-support damping c,, which
naturally accompanies k; in a proportional manner. In other words,
there is a minimum ratio of internal (autobalancer) to external
(support) damping c,/c, that must be satisfied for automatic
balancing to occur.

V. Bladed-Disk/Autobalancer Blade-Loss
Time-Domain Simulation Results

To investigate the transient response of the bladed-disk/
autobalancer system and to validate the stability and steady-state
analysis developed and explored in Secs. III and IV, a time-domain
simulation via direct numerical integration of the full nonlinear
equations of motion (12) is performed. The system equations (12) are
implemented in a MATLAB® PC environment, and the response is
computed using the adaptive time-step ordinary differential equation
solver command ode45 .m. In this study, a blade-loss event is
simulated by removing the blade degrees of freedom associated with
the lost blade at a prescribed time in one time step. Using this
approach, the response to a multiple-blade-loss scenario described in
Table 3 is computed. In this scenario, the bladed disk has a constant
operating speed and is initially undamaged. At t = 0.5 s, one blade
(blade 3) is lost, followed by another (blade 4) at = 2.0 s. Since
the two lost blades are adjacent, this represents the most severe
imbalance condition for a double-blade-loss situation. The sim-
ulation results are given in Figs. 16-18.

In this simulation, the bladed-disk operating conditions are 2 =
15,000 rpm and ¢, = 0.05 kg/m?, and the autobalancer parameters
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Table 3 Simulated blade-loss scenario?

Undamaged

First blade loss Second blade loss

0<t<05
Hub imbalance? (e,, = 1 x 1077 m)

Time range
Excitation condition
Blades removed

Hub imbalance? (e,. = 1 x 1077 m)
Blade 3 (y; = 1/2)

05<1t<20 20<tr=<35
Hub imbalance? (e, = 1 x 1077 m)
Blade 3 (Y3 = 1/2)

and blade 4 (Y, = 37/4)

“A small initial hub imbalance due to manufacturing tolerance is assumed.
Simulation results are given in Figs. 16-18.

are ¢, =0.02 kg/s and D, = 13 mm. For this set of values, the
equilibrium and stability analysis results from Sec. IV (see Figs. 8
and 13) predict stable automatic-balancing behavior. Figures 16a and
16b show the bearing load and the blade-tip deflection of the bladed
disk without the automatic balancer, and Figs. 17 and 18 show the
response of the combined bladed-disk/AB system (i.e., with the
autobalancer).

As to be expected, after each blade loss, the system experiences a
large transient response due to the sudden increase in imbalance. In
the no-autobalancer case, after the first blade is lost, the transient
bearing load peaks at ||F,|| =421 N and then settles down to a
steady state of about || F, || = 90 N. After the second blade is lost, the
transient bearing load peaks again at || F},|| = 548 N and then settles
down to a steady value of about ||F,|| = 178 N (see Fig. 16a). In
comparison, when the autobalancer is included, after the first blade
is lost, the transient bearing load peaks at ||F,|| =382 N (9.2 %
reduction) and then is suppressed to zero, ||F,|| =0 N (100%
reduction), by the action of the autobalancer. Furthermore, after the
second blade is lost, the bearing load peaks at || F,|| = 406 N (26%
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Fig. 16 Bladed-disk response for double-blade-loss scenario (without
AB), 2 = 15,000 rpm, and ¢, = 0.05 kg/m?: a) hub bearing load and
b) blade-tip deflections.
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Fig. 17 Bladed-disk response for double-blade-loss scenario (with AB),
€ =15,000 rpm,c,; = 0.05 kg/m?,c, = 0.02 kg/s,and D, = 13 mm:
a) hub bearing load and b) blade-tip deflections.

reduction) and then settles down to about ||F,|| =68 N (62%
reduction) (see Fig. 17a). Thus, the autobalancer reduces both the
transient and steady-state lateral responses. Furthermore, the residual
blade-tip deflections with the autobalancer (Fig. 17b) have
significantly less magnitude than with the no-autobalancer case
(Fig. 16a). Note that blade responses are all nominally negative due
to aerodynamic drag.

Further insight can be gained by examining the response of the
autobalancer-ball angles in Fig. 18. Here, before the blade loss, the
autobalancer balls are arrayed in an essentially diametrically
opposed configuration at approximately 90 and 270° to cancel the
initial (very small) hub imbalance (see Table 3). After the first blade-
loss event, the balls automatically settle into new steady-state
positions that cancel the imbalance resulting from the mass and
aerodynamic asymmetries. Since the autobalancer has been sized
to completely balance the loss of one blade [via Eq. (38) with
ball diameter rounded up to the nearest-millimeter integer,
D, = 13 mm], there is some remaining balancing capacity after
the first blade is lost. This is indicated by the nonzero angle of
separation between the balancer balls at steady state (Fig. 18 for
1.5 <t < 2.0 s). Next, after the second blade is lost, the balancer
balls once again move to new positions to counteract the new
synchronous imbalance. However, in this case, after the second blade
is lost, the imbalance force exceeds the maximum balancing capacity
of the autobalancer (i.e., || Fyp | > 2m;, R, 2?) and the position of the
balancer balls become merged 180° out of phase with the imbalance
(Fig. 18 fort > 2.5 s). Furthermore, the bearing load after the second
blade-loss event is not completely suppressed to zero (Fig. 17a);
however, it is significantly less that the no-autobalancer case
(Fig. 16a).

Figures 19 and 20 demonstrate a case in which the analyses
in Secs. Il and IV predict unstable autobalancing behavior.
Specifically, when the blade-disk rotation speed operates in a range
just above the first lateral-mode crossing speed, the analysis predicts
that no stable fixed-point balancer-ball equilibria exist (see region II
in Figs. 8-10). Referring to Fig. 8, one such speed at which this
occurs is £ = 7500 rpm. At this operating speed, Fig. 19 shows the
bladed-disk response to a single blade loss without the automatic
balancer. In this case, after a is blade lost, the system reaches a new
stable fixed-point equilibrium configuration (see Fig. 19) with

360

270

¢sbl H ¢b2
(deg.) 180

& 1% blade loss
2nd plade loss

90

0 0.5 1 1.5 2 2.5 3 3.5

time, ¢ (sec)

Fig. 18 Autobalancer-ball positions for double-blade-loss scenario,
© =15,000 rpm,c, = 0.05 kg/m?,c, = 0.02 kg/s,and D, = 13 mm.
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Fig. 20 Bladed-disk response for single-blade-loss scenario (with AB),
@ =7500 rpm, ¢, = 0.05 kg/m?, ¢, = 0.02 kg/s, and D, = 13 mm:
a) hub bearing load, b) blade-tip deflections, and c) autobalancer-ball
positions.

|Fp|l = 126 N, which, as mentioned previously, corresponds to a
purely synchronous steady-state response.

With the autobalancer present, the simulation results in Fig. 20
show that after the first blade is lost, the autobalancer balls do not
settle down to a fixed point. Rather, the balancer balls continue to
oscillate in a stable limit cycle about the balanced condition (see
Fig. 20c). As a result, the net autobalancer force is not synchronous
with the bladed disk. Even so, in this case, as evidenced by
comparing bearing-load responses in Figs. 19a and 20a, the time-
averaged nonsynchronous autobalancer force effectively acts to
reduce the bearing load compared with the no-autobalancer case.
Furthermore, the blade-tip deflections are also reduced (see Figs. 19b
and 20b). However, due to the system nonlinearity, the benefits of
the autobalancer in the unstable operating-speed regions cannot be
guaranteed, since the nonsynchronous limit-cycle amplitude is a
function of initial conditions.

Along these lines, the balancer-ball initial positions can strongly
affect the global reachability of the fixed-point equilibrium
configurations [9,10]. Thus, even when the fixed-point equilibrium
analysis predicts a stable balanced condition, this is not an indication
about the global stability, since other stable limit cycles may coexist
that do not produce the desired balancing effect. However, consistent
with results of previous investigations for rigid-rotor/autobalancer
systems [9,10], the time-domain simulation results for the bladed-
disk/autobalancer system presented in this study found that balancer-
ball initial positions satisfying ¢,,(0) = ¢, (0) + m, lie within the
basin of attraction of the balanced equilibrium. The blade-loss

simulation results also validate the stability and steady-state response
analysis method developed in Secs. Il and IV for bladed-disk/
autobalancer systems.

VI. Conclusions

This paper conducts a pioneering study into the use of a passive
automatic-balancing device for balancing a bladed-disk system
under blade-loss conditions. Here, a dynamic model of a bladed-disk/
shaft/bearing system equipped with a passive dual-ball automatic-
balancing device is developed, including lateral bearing flexiblity,
in-plane blade flexibility, and shaft torsional dynamics. The model
also includes the effects of blade aerodynamic drag and imbalance
for a general asymmetric blade pattern. An asymmetric blade pattern
(e.g., due to a lost blade) results in a net synchronous mass and
aerodynamic imbalance acing on the hub. A stability and a steady-
state response analysis of the nonlinear bladed-disk/autobalancer
system is developed to explore the autobalancer effectiveness in
counteracting the synchronous imbalance resulting from a missing
blade.

Similar to previous automatic-balancing studies on simple rotors,
itis discovered that there exist three types of fixed-point balancer-ball
equilibrium configurations for the bladed-disk/autobalancer system.
Specifically, these are referred to as the merged, opposed, and
balanced configurations. However, their solution process is more
involved than with simple rotors, due to dynamic coupling between
the balancer balls and the in-plane blade motions. In the balanced
condition, the hub lateral deflections (and bearing load) is suppressed
to zero. The analysis shows that by properly sizing the autobalancer
and with sufficient ball/track damping, this desired balanced
condition is naturally achieved and is stable at supercritical speeds
above the bladed-disk first lateral-mode crossing speed. This is
generally true with the exception of two types of unstable speed
ranges that must be avoided. One type of instability is a rotordynamic
instability that arises from torsion/lateral coupling induced by blade-
pattern asymmetry from the missing blade. The second instability
is due to the automatic balancer and occurs at speeds just above the
bladed-disk first lateral-mode crossing speed. At supercritical speeds
outside the unstable speed ranges, the autobalancer reaches the
balanced equilibrium and reduces both the lateral bearing load and
blade-tip deflections.

In addition to producing a synchronous aerodynamic imbalance
that is 90° out of phase with the blade mass imbalance, the blade
aerodynamic drag coefficient has destabilizing effects on automatic-
balancing behavior. This is illustrated by the fact that the amount
of ball-track damping required for stable automatic balancing
increases for larger values of blade drag coefficient. Furthermore,
since the bladed-disk aerodynamic imbalance contains terms that
are proportional to both 2 and Q*, an autobalancer that is sized
to cancel imbalance at a lower design speed may saturate at higher
speeds. This does not occur for the case of a pure mass imbalance
and thus constitutes a fundamentally new result with important
implications on the sizing of autobalancers for bladed-disk
applications.

In addition to the steady-state response and stability analysis,
the transient response to a blade-loss scenario is investigated via
numerical time-domain integration of the full nonlinear bladed-disk/
autobalancer system equations. The simulation results for a multiple-
blade-loss scenario numerically confirm the steady-state and stability
analysis predictions. When the system is simulated at a supercritical
operating speed outside the predicted instability zones, the
autobalancer successfully self-adjusts to counteract the mass and
aerodynamic imbalance resulting from a sudden blade loss. In
addition to suppressing the steady-state response, the autobalancer
also tends to reduce the peak transient bearing load and blade
defections during the blade-loss event. Furthermore, when the
system is simulated at an operating speed just above the first critical
speed at which the analysis predicts that no stable automatic-
balancing solution exists, the results show that the autobalancer balls
execute a nonsynchronous limit cycle that oscillates about the
balanced condition.
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The new analysis methods and results from this investigation demonstrate that automatic balancing of bladed disks could be an attractive option
for reducing the severity of blade-loss events in turbomachinery applications. The results of this analysis warrant future studies to include a more
detailed unsteady aerodynamic model and the effects of out-of-plane flexibility.

Appendix
The bladed-disk subsystem matrices and mass-imbalance force terms in Eq. (12) are given in Egs. (A1-A4):

Myisk 0 —I, —m siny D, —hmy, sin WNh DN,,
0 Myisk 1. my cos ¥ D, my, cos Yy, DN,,
=1 I, Jolisk m F my, FNb
Myix = | —m,siny, DT m cos yr, DT m,FT mA, 0 0 (A1)
: : ' 0 0
—my, sinyy, DY my, cos Yy, DY my, FL 0 0 my, Ay,
Ccy —2Q My —2Q1, —2Qm,cosy D, —2Qmy;, cos Yy, Dy,
Zmelisk Cg _2QIV _Zle sin wlDl _ZQmNb sin waDNh
ZQIE ZQIr C; 01><Nm 01><Nm
Cuix = | 2Qm, cosy, DI 2Qm, siny, DY Oy, 1 EELB, 0 0 (A2)
E : : 0 . 0
2Qmy, cos Yy, DY, 2Qmy, sinyy, DY Oy o 0 0 EEIy, By,
kg — Mg 22 —c,Q 0 m, Q2 siny, D, my, Q% sin Yy, Dy,
¢, ky — Mg 22 0 —m, Q2 cos ¥, D, —my, Q2 cos Yy, Dy,
0 0 k, 01w, s XN,y
Kpik = |  m Q2siny, DT —-mQ%cosy, D] Oy ., ELB; +mQ*(C,—A) 0 0
: : : 0 - 0
my, Q*sinyy, DY —my, Q2 cos Yy, DY Oy 0 0 EIy By, +myQ*(Cy, —Ay,)
(A3)
Zf’:"l m,L,-(% + R},) cos ;
Ziv:l\ miLi(% + R;) siny;
0
— 02
Fipnp = 2 ()mel (A4)
ONﬂ,xl
with
L; L; L; X
A= [owreme b= [Towewae o= [ [(Rh 0 [ ecomelco dx] dx
0 0 0 0
. . . . (A5)
D, =/ ®;(x)dx, F, =/ Ry +0Pi(x)dx G, =/ (R, + x)*®;(x)dx,  H, =/ Ry + ) ®;(x)7 D, (x) dx
0 0 0 0
and
N, Np 3 2
m;L: L;
Myjisk = My + ; m;L;, Jpiisk = Jhuw + ;[ 121 + miLi(Rh + E) ] (A6)
Ny L. Ny L.
1= ;[’"L(i + Rh) cos w,.], I, = ;[miLi (7 + Rh) sin 1/;,.] (A7)
and with blade deflections expanded as
N
w;(x;, 1) = Z @i () (1) = D;(x)n;(2) (AB)

Jj=1

where ®;(x) is the 1 x N,, shape function vector of the ith blade. Furthermore, the aerodynamic damping, stiffness, and forcing terms in Eq. (12)
are given by Eqgs. (A9-All):
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C aero
zszl[(L + R;,)* — R} Jsin*y; -1 N:' [(L; + Ry)* — R}]cos ¥; siny; ]
iy [(L + R —RJcosysiny; Y0 [(L; + Ry)? — R3]cos?y; sym
g XML+ Ry — R3siny; %ZN” [(Li+ Ry = Rileosy; {300 [(L; + Ry)* — Ry
=8l —siny, FT cosy, FT GT H,
: : : 0o .
—sinyy, F§ cos Yy, FL, G 0 0 H
L b~ Np Np ™ Ny Nb Ny |
(A9)
(=10 (L + Ry)* — RiJcos Yysingy;, =3 3000 [(L; + Ry)? — Rilsin?y, 0 Ouwy, - Ouy, |
2 ZN" [(L; + R;)* — R}]cos*y; 2 Z [(L + Ry)* — Rj]cos ¥; sin ¥, 0 Oy, -+ O,
N, N, .
K. =2¢,0Q2 3 i [(L; + Ry)? — Ri]cos 3 LY@+ Rh)3 R;]sin 0 Oy, - O,
aero = “Cd cos ¥ F sin ¢, F] Oy, i On,xv, -+ On,xw,
L cos Yy, Y, sin yy, FY, Oy i Oyxn, - Oy, |
(A10)
B Z L+ Ry = Rilsiny; ]
— 5L + Ry = Rilcos ¥,
Nb 4 4
-1 L;+R)*—R
F oo = 422 [(_G W =Rl (A1)
L GN/; i
The autobalancer subsystem matrices and force terms in Eq. (12) are given in Eqs. (A12-A15):
2my, 0 —m, R, (sing,, + sin¢y,)
0 2my, my R, (cos ¢, + cos ¢y,)
M g = | —mpR,(sing,, +sing,,) m,R,(cos ¢y, + cos¢y,) 2m,R?
—my,R, sing,, myR;, cos ¢, m,R2
—myR,, sin ¢, myR;, cos ¢, m,R2
_mth sin ¢h| —mbRb sin ¢b2
m,R,, cos ¢y, m,R,, cos ¢y,
myRy (R, + v, cos Py, + wysingy, ) myR, (R, + v, COs @y, + wy, sinyy) (A12)
m, R} 0
0 mbRi
0 —4m;,Q —2m, R, ((22 + é.bl) cos ¢, + (2 + q:bbz) cos ¢j,)
4m,, 2 0 —2myR, (2 + ¢p,) singy,, + (2 + @) singy)
Cas = | 2m,R,Q(cos ¢p, +cose,,) 2m,R,Q(singy, + sing,,) 0
2m,R, 82 cos ¢y, 2m,R, 2 sin ¢y, 0
2m,R, 2 cos ¢, 2m,R, 2 sin ¢, 0
—2m, R, 2 cos ¢y, —2m, R, 2 cos ¢y,
—2m, R, 82 sin ¢y, —2m,R, 2 sin ¢,
—myR, (22 + ¢, ) (v, siny,, — wy cospy,)  —muR,(2Q2 + ¢y,) (v, sin ¢, — wy, cos ¢y,,) (A13)
cp,R2 0
0 cpR2
-2 0 0 00
0 -2 0 00
K A5 = m, Q22 0 0 0 00 (A14)
Ry,sing, —R,cos¢, 0 0 O
R,sing, —R,cos¢,, 0 0 O
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(Q2+ §;,) cos ¢y, + (2 + ) cos ¢y, (12]
(Q% + ¢3,) sin gy, + (22 + 63, sin gy,

F g = myR, 0
0

0 [13]

(A15)
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